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ABSTRACT
In this work, a hydraulic state of the art injection molding

machine is retrofitted with a dual pump drive. The dual pump
drive is an electro-hydraulic speed-variable drive, with focus on
high bandwidth control through secondary control principles.
Secondary control is based on providing the torque references
for the electric machines directly, instead of a speed reference.
The pressure control loop is based on decoupling of the piston
load pressure and sum pressure enabling the possibility to utilize
two SISO controllers. The application is the injection cylinder
of an industrial injection molding machine, retrofitted with the
designed dual pump drive. Experimental results for the pro-
posed secondary control structure are presented and difficulties
of implementation are documented, and a large gap between the
theoretical achievable bandwidth and the experimental achiev-
able bandwidth is shown. Three possible reasons for this gap are
identified, namely amplification of high frequency components
from e.g. signal noise on sensors, the use of axial piston pumps
which induce pressure pulsations and the influence of the discrete
sample time of the digital controller hardware. Lastly future work
within the field is considered, including possible methods to min-
imize the influence of the identified issues.
Keywords: Electro-Hydraulic Variable-Speed Drive, Sec-
ondary Control

1. INTRODUCTION
The effectiveness of a feedback system to minimise the in-

fluence of disturbances from e.g. external forces is related to
the bandwidth of the system and the control design. Previous
research in the field of electro-hydraulic speed-variable drives,
have focused on two control strategies namely primary control
and secondary control. Primary control is based on utilizing
the speed control loop in the electric motor and drive, whereas
secondary control utilizes the torque loop in the controller. The

∗Corresponding author: Rasmus.Aagaard.Hertz@LEGO.com

bandwidth of the torque loop is, in general, a decade higher than
the bandwidth of the velocity and position loop of the motor drive,
theoretically allowing pressure control at a higher bandwidth [1].
The main difference between the two control strategies is that,
in the velocity-controlled servo drive, the speed of the motor
is proportional to the flow out of the displacement unit with a
pressure reaction. This is the traditional method to control hy-
draulic machines also when considering e.g. valve control. For
the torque controlled servo drive, the torque is correlated with
the force on the piston, meaning the torque is correlated to the
chamber pressures through a flow coupling [1].

There exist multiple configurations of electro-hydraulic
speed-variable drives, and an overview of the different topolo-
gies can be found in [2]. Primary research are based on a single
motor connected to two displacement units described in [1, 3–7]
etc. and two motors and two displacement units adding an ad-
ditional degree of freedom described in [8–11] etc., all mainly
applying primary control approaches. This paper focuses on the
development of secondary control for a dual pump drive (DPD)
including two pumps and motors, retrofitted on an industrial state
of the art (SOA) injection moulding machine, controlling the
hydraulic injection cylinder. According to [12], injection mould-
ing requires both velocity and force control, as well as smooth
switchover between the two. However, this paper exclusively
concentrates on force control, given the similarity in challenges
for both aspects. A force and level pressure controller is derived
and implemented on a digital controller, with experimental results
from the machine showcasing the difficulty in realising the theory
on a physical setup. The differences between the model and the
physical setup, including the digital control implementation, are
outlined and the limitations are discussed.

Previous research within secondary control of hydraulic sys-
tems utilising electro-hydraulic speed-variable drives are limited
to [1, 13] solely focus on the theoretical aspects and have not yet
undergone any practical implementation or testing on an actual
setup. The retrofit of the electro-hydraulic speed-variable drive
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FIGURE 1: ELECTRIC AND HYDRAULIC OVERVIEW OF THE DPD.

FIGURE 2: SIMPLIFIED ELECTRIC AND HYDRAULIC OVERVIEW
OF THE DPD.

are designed according to Fig. 1. The focus in the design phase
has been to remove valves from the primary flow paths. The
valves in the flow path is limited to check valves and pressure
relief valves, that ensures anti-cavitation and safety respectively.
Valves are not used in general operation, which means that a
reduced diagram containing only relevant hydraulic components
for general operation is shown in Fig. 2. The controller de-
sign is based on a lumped parameter model, which is designed
from a physically motivated approach, according to the method-
ology described in [1, 14], as contrary to complex algorithms like
[15–19].

2. SYSTEM MODEL

The lumped parameter model is based on the schematic
shown in Fig. 2. The pressure dynamics for the two chambers

are given in Eqs. (1) - (2).

�̇�𝐴 =
𝛽𝐴

𝑉𝐴,𝐼 + 𝐴𝐴(𝐿 − 𝑥) (𝑄𝐴 −𝑄𝐵 − 𝐶𝐿𝑐 (𝑝𝐴 − 𝑝𝐵) + 𝐴𝐴�̇�),

𝑄𝐴 = 𝐷𝐴𝜔𝑚𝐴 − 𝑘𝐴𝑄𝐿𝑃𝐴, 𝑄𝐵 = 𝐷𝐵𝜔𝑚𝐵 − 𝑘𝐵𝑄𝐿𝑃𝐵 (1)

�̇�𝐵 =
𝛽𝐵

𝑉𝐵,𝐼 + 𝐴𝐵𝑥
(𝑄𝐵 + 𝐶𝐿𝑐 (𝑝𝐴 − 𝑝𝐵) − 𝐴𝐵�̇�) (2)

Where 𝛽𝐴 and 𝛽𝐵 is the bulk modulus, 𝑉𝐴,𝐼 = 1.4 · 10−3 m3

and 𝑉𝐵,𝐼 = 1.6 · 10−3 m3 is the initial chamber volumes, 𝐴𝐴 =

7.8 · 10−3 m2 and 𝐴𝐵 = 2.7 · 10−3 m2 is the effective area of
each side of the piston, 𝐶𝐿𝑐 = 5 · 10−16 m3/Pa is the leakage
coefficient across the cylinder piston and 𝐷𝐴 = 16 ccm/rev and
𝐷𝐵 = 8.1 ccm/rev is the pump displacements. The pump leakage
𝑄𝐿𝑃𝐴 = 𝑄𝐿𝑃𝐴(𝑝𝐴, 𝑝𝑇 , 𝜔𝐴) and 𝑄𝐿𝑃𝐵 = 𝑄𝐿𝑃𝐵 (𝑝𝐴, 𝑝𝐵, 𝜔𝐵) are
estimated from [20]. The pump leakage are scaled based on the
displacement fraction through the two constants 𝑘𝐴 = 0.592 and
𝑘𝐵 = 0.296, similar to [21].

The states are the chamber pressures 𝑝𝐴 and 𝑝𝐵, the motor
velocities 𝜔𝐴 and 𝜔𝐵, the piston velocity �̇� and the position of
the piston 𝑥. Bulk modulus of the oil is approximated by Eq. 3.

𝛽𝑛 =

(︃
1
𝛽𝑜𝑖𝑙

+
(︃
𝜖𝑎𝑖𝑟 ,0𝑝𝑎𝑡𝑚

𝑛𝑜𝑖𝑙 𝑝
2
𝑛

)︃)︃−1
(3)

Where 𝑛𝑜𝑖𝑙 = 1.4 is the polytropic exponent, 𝛽𝑜𝑖𝑙 = 9.5 ·108 Pa is
the maximum value of bulk modulus of the oil, 𝑝𝑛 is the pressure
of chamber 𝑛 = [𝐴, 𝐵], 𝜖𝑎𝑖𝑟 ,0 = 0.005 % is the air percentage
in the oil at atmospheric pressure and 𝑝𝑎𝑡𝑚 = 1 · 105 Pa is the
atmospheric pressure.

The movement of the cylinder is deducted based on Newton’s
second law of motion shown in Eq. (4)

𝑥 =
1
𝑚
(−𝑝𝐴𝐴𝐴 + 𝑝𝐵𝐴𝐵 − 𝐹𝐶 𝑠𝑔𝑛(�̇�) − 𝐵𝑣�̇� + 𝐹𝑒𝑥𝑡 ) (4)

Where 𝑚 = 250 kg is the mass of the piston and injection unit,
𝐹𝐶 = 1241 N is the columb friction, 𝐵𝑣 = 6480N·s

m is the viscous
friction and the sgn function is the sigmoid function to ensure a
continues solution. As the motors are in torque control mode, the
torque balance of motor and pump is stated in Eqs. (5) - (6).

�̇�𝐴 =
1
𝐽𝐴

(︁
𝜏𝐴 − 𝜏𝐴 𝑓 𝑟𝑖𝑐 − 𝐷𝐴(𝑝𝐴 − 𝑝𝑇 )

)︁
,

𝜏𝐴 𝑓 𝑟𝑖𝑐 = 𝜏𝐶𝐴sgn(𝜔𝐴) + 𝐵𝑣𝐴𝜔𝐴 (5)

�̇�𝐵 =
1
𝐽𝐴

(︁
𝜏𝐵 − 𝜏𝐵 𝑓 𝑟𝑖𝑐 − 𝐷𝐵 (𝑝𝐵 − 𝑝𝐴)

)︁
,

𝜏𝐵 𝑓 𝑟𝑖𝑐 = 𝜏𝐶𝐵sgn(𝜔𝐵) + 𝐵𝑣𝐵𝜔𝐵 (6)

Where 𝐽𝐴 = 9.3 · 10−3 kg·m3 and 𝐽𝐵 = 8.7 · 10−3 kg·m3 is the
rotational inertia of motor and pump for respectively motor A
and motor B. 𝜏𝐴 𝑓 𝑟𝑖𝑐 and 𝜏𝐵 𝑓 𝑟𝑖𝑐 is the friction of the motor and
pump, consisting of a coulomb friction term 𝜏𝐶𝐴 = 4.5 Nm and
𝜏𝐶𝐵 = 2.8 Nm and a viscous friction term 𝐵𝑣𝐴 = 0.04 N·s/rad
and 𝐵𝑣𝐴 = 0.01 N·s/rad. The last term in the two equations
represent the external force from the hydraulic system on the
motor, represented as the the loading on the pumps. The torque
controller located inside the motor drive is approximated by a first
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order system. In general for electric machines a approximation of
the bandwidth is a decade below the switching frequency 𝜔𝑆𝐶 .
The motor torque dynamics is given in Eq. (7).

𝜏𝑛 =
𝜔𝑆𝑊

10
(𝜏∗𝑛 − 𝜏𝑛) (7)

Where 𝜏∗𝑛 and 𝜏𝑛 is the reference torque and the actual torque of
the motor 𝑛 = [𝐴, 𝐵]. 𝜔𝑆𝑊 = 4 kHz is the switching frequency
of the inverter.

2.1 State Space Representation
The state space representation is the foundation for linear

analysis of the system, used to understand the input output cou-
plings in the system. The system is linearized through first order
Taylor expansion at an equilibrium point. The leakage across the
cylinder, the Coulomb friction terms, the tank pressure and the
external force are considered disturbances. As the pressure is
kept at a minimum pressure bulk modulus is assumed constant.
The linearised pump flows are given by Eqs. (8) and (9).

𝑄𝐴 = 𝐷𝐴𝜔𝐴 − 𝑘𝐴(𝐶𝐿𝜔𝐴𝜔𝐴 + 𝐶𝐿𝑝𝐴𝑝𝐴) (8)
𝑄𝐵 = 𝐷𝐵𝜔𝐵 − 𝑘𝐵 (𝐶𝐿𝜔𝐵𝜔𝐵 + 𝐶𝐿𝑝𝐵 (𝑝𝐵 − 𝑝𝐴)) (9)

The Taylor expansion for the chamber pressure gradients are
shown in Eqs. (10) - (11).

Δ�̇�𝐴𝐿 =
𝜕 �̇�𝐴

𝜕𝑥

|︁|︁|︁|︁
x0

Δ𝑥 + 𝜕 �̇�𝐴

𝜕�̇�

|︁|︁|︁|︁
x0

Δ�̇� + 𝜕 �̇�𝐴

𝜕𝑝𝐴

|︁|︁|︁|︁
x0

Δ𝑝𝐴 + 𝜕 �̇�𝐴

𝜕𝑝𝐵

|︁|︁|︁|︁
x0

Δ𝑝𝐵+

𝜕 �̇�𝐴

𝜕𝜔𝐴

|︁|︁|︁|︁
x0

Δ𝜔𝐴 + 𝜕 �̇�𝐴

𝜕𝜔𝐵

|︁|︁|︁|︁
x0

Δ𝜔𝐵 (10)

Δ�̇�𝐵𝐿 =
𝜕 �̇�𝐵

𝜕𝑥

|︁|︁|︁|︁
x0

Δ𝑥 + 𝜕 �̇�𝐵

𝜕�̇�

|︁|︁|︁|︁
x0

Δ�̇� + 𝜕 �̇�𝐵

𝜕𝑝𝐴

|︁|︁|︁|︁
x0

Δ𝑝𝐴 + 𝜕 �̇�𝐵

𝜕𝑝𝐵

|︁|︁|︁|︁
x0

Δ𝑝𝐵+

𝜕 �̇�𝐵

𝜕𝜔𝐴

|︁|︁|︁|︁
x0

Δ𝜔𝐴 + 𝜕 �̇�𝐵

𝜕𝜔𝐵

|︁|︁|︁|︁
x0

Δ𝜔𝐵 (11)

Where x0 = [𝑥0 �̇�0 𝑝𝐴0 𝑝𝐵𝑂 𝜔𝐴0 𝜔𝐵0]𝑇 is the equilibrium point.
The analysis furthermore focus on force control in end stop (𝑥 =

0). Lastly a minimum pressure is kept in the low pressure side
meaning 𝑝𝐵0 = 𝑝𝑠𝑒𝑡 . Utilising these assumptions the equilibrium
point can be calculated from �̇�𝐴 = 0 and �̇�𝐵 = 0 as Eq. (12).

𝑥0 = 0
�̇�0 = 0

𝑝𝐴0 =
𝐹𝑒𝑥𝑡 + 𝑝𝐵0𝐴𝐵

𝐴𝐴

𝑝𝐵𝑂 = 𝑝𝑠𝑒𝑡

𝜔𝐴0 = − 1
𝑘𝐴𝑐𝐿𝜔𝐴 − 𝐷𝐴

(︁
𝑝𝐴0 (𝑘𝐴𝑐𝐿𝑝𝐴 + 𝑘𝑏𝑐𝐿𝑝𝐵) − 𝑐𝐿𝑝𝐵𝑘𝐵𝑝𝐵0

+ 𝜔𝐵0 (−𝑘𝐵𝑐𝐿𝜔𝐵 + 𝐷𝐵)
)︁

𝜔𝐵0 =
𝑘𝐵𝑐𝐿𝑝𝐵 (𝑝𝐴0 − 𝑝𝐵0)

𝑐𝐿𝜔𝐵𝑘𝐵 − 𝑑𝐵
(12)

Where 𝑝𝑠𝑒𝑡 = 30 · 105 Pa and 𝐹𝑒𝑥𝑡 = 27000 N. The linearized
chamber volumes are given in Eqs. (13) - (14).

𝑉𝐴0 = 𝑉𝐴,𝐼 + 𝐴𝐴(𝐿 − 𝑥0) (13)
𝑉𝐵0 = 𝑉𝐵,𝐼 + 𝐴𝐵𝑥0 (14)

The design of the pressure controller will be based on a
cascaded control structure, assuming that the bandwidth of the
torque control loop is 5-10 faster than the pressure control loop.
This makes it possible to simplify the system matrix by disre-
garding the inverter and motor dynamics and assume 𝜏𝑛 = 𝜏∗𝑛. It
is now possible to generate the the state space system from Eqs.
(4) - (6) and (8) - (14) disregarding the terms that are considered
disturbances. The state space system is shown in Eq. (15).

ẋ = Ax + Bu, y = Cx, x =
[︁
𝑥 �̇� 𝑝𝐴 𝑝𝐵 𝜔𝐴 𝜔𝐵

]︁𝑇
u =

[︁
𝜏∗
𝐴

𝜏∗
𝐵

]︁𝑇
, A =⎡⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎣

0 1 0 0 0 0

0 −𝐵𝑣

𝑚
− 𝐴𝐴

𝑚

𝐴𝐵

𝑚
0 0

0
𝛽𝐴𝐴

𝑉𝐴0
−
𝛽𝑘𝑝𝐴

𝑉𝐴0

𝛽𝑘𝑝𝐵

𝑉𝐴0

𝛽𝑘𝜔𝐴

𝑉𝐴0
− 𝛽𝑘𝜔𝐵

𝑉𝐴0

0 − 𝛽𝐴𝐵

𝑉𝐵0

𝛽𝑘𝑝𝐵

𝑉𝐵0
−
𝛽𝑘𝑝𝐵

𝑉𝐵0
0

𝛽𝑘𝜔𝐵

𝑉𝐵0

0 0 −𝐷𝐴

𝐽𝐴
0 −𝐵𝑉𝐴

𝐽𝐴
0

0 0
𝐷𝐵

𝐽𝐵
−𝐷𝐵

𝐽𝐵
0 −𝐵𝑉𝐵

𝐽𝐵

⎤⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎦

,

𝑘𝑝𝐴 = 𝑘𝐴𝐶𝐿𝑝𝐴 + 𝑘𝐵𝐶𝐿𝑝𝐵, 𝑘𝜔𝐴 = 𝐷𝐴 − 𝑘𝐴𝐶𝐿𝜔𝐴

𝑘𝑝𝐵 = 𝑘𝐵𝐶𝐿𝑝𝐵, 𝑘𝜔𝐵 = 𝐷𝐵 − 𝑘𝐵𝐶𝐿𝜔𝐵

B

⎡⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎢⎣

0 0
0 0
0 0
0 0
1
𝐽𝐴

0

0
1
𝐽𝐵

⎤⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎥⎦
, C

[︃
0 0 1 0 0 0
0 0 0 1 0 0

]︃
(15)

The linearised constants are 𝛽0 = 9.5 · 108 Pa, 𝑉𝐴0 = 2.5 · 10−3

m3, 𝑉𝐵0 = 1.6 · 10−3 m3, 𝐶𝐿𝑝𝐴 = 2.73 · 10−13 m3/(Pa·s), 𝐶𝐿𝑝𝐵 =

1.36 · 10−13 m3/(Pa·s), 𝐶𝐿𝜔𝐴 = 2.69 · 10−8 m3 and 𝐶𝐿𝜔𝐵 =

1.34 · 10−8m3. The input output couplings are analysed using
RGA elements. The transfer function matrix is given by Eq.
(16).

G = C(𝑠I − A)−1B (16)

The RGA plot shown in Fig. 3 of the input pairing 𝑝𝐴(𝜏∗𝐴), 𝑝𝐵 (𝜏
∗
𝐵
)

and 𝑝𝐴(𝜏∗𝐵),𝑝𝐵 (𝜏∗𝐴) shows that the RGA elements are changing
implying that significant input output-couplings are present. An
injection moulding machine should be capable of running with
multiple moulds and materials, meaning the external force is
unknown and can change rapidly depending on mould geometry
[22]. This requires the load pressure on the cylinder to be tightly
coupled to an input of the system independent of frequency.

3. STATE DECOUPLING
It is desired to decouple the system due to the required robust-

ness of the process. An input and output decoupling is proposed
translating the input torques and output pressure measurements
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FIGURE 3: RGA ELEMENTS OF THE ORIGINAL SYSTEM, SHOW-
ING THAT THE BEST INPUT OUTPUT PAIRING CHANGES IN THE
FREQUENCY RANGE.

into virtual states. These virtual states makes it possible to control
the load pressure and sum pressure independently. The output
and input transformation are described independently.

3.1 Output Decoupling
The two pressure states are rewritten to virtual pressure

states, one related to the cylinder force (𝑝𝐿) and one related the
pressure level (𝑝𝐻 ) in the chambers. The virtual output pressures
are defined in Eq. (17).

𝑝𝐿 = 𝑝𝐴 − 𝛼𝑝𝐵, 𝑝𝐻 = 𝑝𝐴 + 𝑝𝐵, 𝛼 =
𝐴𝐵

𝐴𝐴

(17)

3.2 Input Decoupling
The input decoupling should determine the input torque 𝜏∗

𝐴

and 𝜏∗
𝐵

to the two motors to control the two virtual output states 𝑝𝐿
and 𝑝𝐻 . As the torque is introduced through the motors angular
acceleration, the desired dynamics can be described as a second
order system through Eqs. (18) and (19)

𝑝𝐿 = 𝜔2
𝐿 (𝑝∗𝐿 − 𝑝𝐿) − 2Z𝐿𝜔𝐿 ̇𝑝𝐿 (18)

𝑝𝐻 = 𝜔2
𝐻 (𝑝∗𝐻 − 𝑝𝐻 ) − 2Z𝐻𝜔𝐻 ̇𝑝𝐻 (19)

From the second order system it is possible to choose the desired
eigenfrequency and damping through the parameter Z𝑛 and 𝜔𝑛

respectively for 𝑛 = [𝐿, 𝐻]. Here a cascaded controller structure
is utilised in this case, meaning𝜔𝑛 should be chosen in the region
of 5-10 times slower than the torque control loop in the inverter
and motor setup given in Eq. (7). The theoretical possible band-
width of the torque controlled setup is therefore 40 Hz. This can
be substantially raised if the switching frequency of the inverter
is increased to 8 or 16 kHz. However increasing the switching
frequency will introduce additional switching losses.

The first and second derivative of the load pressure and sum
pressure given in Eq. (17) is given in Eqs. (20) and (21).

�̇�𝐿 = �̇�𝐴 − 𝛼�̇�𝐵, 𝑝𝐿 = 𝑝𝐴 − 𝛼𝑝𝐵 (20)
�̇�𝐻 = �̇�𝐴 + �̇�𝐵, 𝑝𝐻 = 𝑝𝐴 + 𝑝𝐵 (21)

The second derivative of the chamber pressures are calculated
from Eqs. (1) and (2). The equation is further simplified by
assuming a slow varying bulk modulus (𝛽𝑛 (𝑡) ≈ 𝛽𝑛), which is
reasonable as the low pressure chamber is kept at a minimum
pressure. It is further assumed that the volume change is slow

varying (𝑉𝑛 (𝑡) ≈ 𝑉𝑛). As the leakage terms are based on look-up
tables and non-differentiable the linearized pump flows from Eqs.
(8) and (9) are substituted into the chamber pressure dynamics
for the controller design.

The derivative of the chamber pressure dynamics is given in
Eqs. (22) and (23).

𝑝𝐴 =
𝛽𝐴

𝑉𝐴
(�̇�𝐴 − �̇�𝐵 − 𝐶𝐿𝑐 ( �̇�𝐴 − �̇�𝐵) + 𝐴𝐴𝑥), (22)

�̇�𝐴 = 𝐷𝐴�̇�𝐴 − 𝑘𝐴𝐶𝐿𝜔𝐴�̇�𝐴 − 𝑘𝐴𝐶𝐿𝑝𝐴 �̇�𝐴

�̇�𝐵 = 𝐷𝐵�̇�𝐵 − 𝑘𝐵𝐶𝐿𝜔𝐵�̇�𝐵 − 𝑘𝐵𝐶𝐿𝑝𝐵 ( �̇�𝐴 − �̇�𝐵)

𝑝𝐵 =
𝛽𝐵

𝑉𝐵
(�̇�𝐵 + 𝐶𝐿𝑐 ( �̇�𝐴 − �̇�𝐵) − 𝐴𝐵𝑥) (23)

From Eqs. (1), (2), (5),(6), (20) -(23) it is possible to solve for
the two motor torque 𝜏𝑚𝐴 and 𝜏𝑚𝐵. The full equation is omitted
due to space limitation; however, if the bandwidth and damping
are chosen, it is possible to rewrite the torque references to be
a function of the variables 𝑥, �̇�, 𝑥, 𝑝∗

𝐿
, 𝑝∗

𝐻
, 𝜔𝐴, 𝜔𝐵 shown in Eqs.

(24)- (25).

𝜏∗𝐴 = 𝑓 (𝛽𝐴, 𝛽𝐵, 𝑥, �̇�, 𝑥, 𝑝∗𝐿 , 𝑝𝐿 , 𝑝∗𝐻 , 𝑝𝐻 , 𝜔𝐴, 𝜔𝐵) (24)
𝜏∗𝐵 = 𝑓 (𝛽𝐴, 𝛽𝐵, 𝑥, �̇�, 𝑥, 𝑝∗𝐿 , 𝑝𝐿 , 𝑝∗𝐻 , 𝑝𝐻 , 𝜔𝐴, 𝜔𝐵) (25)

A reference for the motor torque has successfully been estab-
lished, generated from system constants, bandwidth, damping,
and states. A limitation to the proposed controller is that it re-
quires measurement of bulk modulus, velocity, and acceleration
which are impractical to measure. However as previously as-
sumed, if the bulk modulus is varying slowly and the pressure in
both chambers are minimum 𝑝𝑠𝑒𝑡 it can be approximated by a con-
stant. With respect to the velocity and acceleration it is depending
on the piston movement, for force control with low speeds and
acceleration they are approximately zero. For motion-controlled
cases the velocity and acceleration can be approximated from
the trajectory. The rewritten torque reference is stated in Eqs.
(26)-(27).

𝜏∗𝐴 = 𝑓 (𝑥, ˆ̇𝑥, ˆ̈𝑥, 𝑝∗𝐿 , 𝑝𝐿 , 𝑝∗𝐻 , 𝑝𝐻 , 𝜔𝐴, 𝜔𝐵) (26)
𝜏∗𝐵 = 𝑓 (𝑥, ˆ̇𝑥, ˆ̈𝑥, 𝑝∗𝐿 , 𝑝𝐿 , 𝑝∗𝐻 , 𝑝𝐻 , 𝜔𝐴, 𝜔𝐵) (27)

Where ˆ̇𝑥 and ˆ̈𝑥 is the estimated velocity and acceleration respec-
tively, from the motion controller at speeds different from zero.

3.3 Coupling analysis
It is desired to reformulate the input and output decoupling

into a linearized system to investigate the couplings across a
desired frequency range. As discussed above, the desired piston
velocity and acceleration trajectory is needed in the decoupling if
�̇� ≠ 0. A constrained simplified case, representing load holding
situations which is also present in injection moulding is studied
to ensure the decoupling is successful. The piston is placed in
𝑥 = 0, and the system can be modeled as interlocked as 𝑥 = �̇� = 0.
This reduces the states to Eq. (28).

x𝑠 =
[︁
𝑝𝐴 𝑝𝐵 𝜔𝐴 𝜔𝐵

]︁𝑇 (28)

The input output decoupling is presented for the special case
of 𝑥 = �̇� = 0 by introducing the output decoupling matrix 𝑊𝑂
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FIGURE 4: RGA ELEMENTS OF THE AUGMENTED SYSTEM, THAT
SHOWS THE SYSTEM IS DECOUPLED.

and the input decoupling matrix related to the states in 𝑊𝐼𝑠 and
the input decoupling in matrix 𝑊𝐼𝑟 . The decoupling matrices for
a state space representation of the system is stated in Eqs. (29)
-(31).

𝑊𝑂 =

⎡⎢⎢⎢⎢⎢⎢⎣
1 −𝛼 0 0
1 1 0 0
0 0 1 0
0 0 0 1

⎤⎥⎥⎥⎥⎥⎥⎦ (29)

𝑊𝐼𝑟 =

⎡⎢⎢⎢⎢⎢⎣
𝜕𝜏∗

𝐴

𝜕𝑝∗
𝐿

𝜕𝜏∗
𝐴

𝜕𝑝∗
𝐻

𝜕𝜏∗
𝐵

𝜕𝑝∗
𝐿

𝜕𝜏∗
𝐵

𝜕𝑝∗
𝐻

⎤⎥⎥⎥⎥⎥⎦ (30)

𝑊𝐼𝑠 =

⎡⎢⎢⎢⎢⎢⎣
𝜕𝜏∗

𝐴

𝜕𝑝𝐿

𝜕𝜏∗
𝐴

𝜕𝑝𝐻

𝜕𝜏∗
𝐴

𝜕𝜔𝐴

𝜕𝜏∗
𝐴

𝜕𝜔𝐵

𝜕𝜏∗
𝐵

𝜕𝑝𝐿

𝜕𝜏∗
𝐵

𝜕𝑝𝐻

𝜕𝜏∗
𝐵

𝜕𝜔𝐴

𝜕𝜏∗
𝐵

𝜕𝜔𝐵

⎤⎥⎥⎥⎥⎥⎦ (31)

𝑊𝐼𝑟 and 𝑊𝐼𝑠 is only denoted by the partial derivatives due to the
size of the matrix. From the input output decoupling matrices
a decoupled state space system is presented in Eq. (32) derived
based on augmented system matrices in Eq. (33)

ẋ𝑠 = Âx𝑠 + B̂û, ŷ = Ĉx𝑠 , x𝑠 =
[︁
𝑝𝐴 𝑝𝐵 𝜔𝐴 𝜔𝐵

]︁𝑇
û =

[︁
𝑝∗
𝐿

𝑝∗
𝐻

]︁𝑇
, ŷ =

[︁
𝑝𝐿 𝑝𝐻 𝜔𝐴 𝜔𝐵

]︁𝑇 (32)

Â = A[3:6,3:6] + B[3:6,:]W𝐼𝑠W𝑂, B̂ = B[3:6,:]W𝐼𝑟 ,

Ĉ = C[3:6,3,6]W𝑂 (33)

From the augmented system matrices the RGA elements are plot-
ted again to ensure the system is decoupled and it is possible to
control 𝑝𝐿 by 𝑝∗

𝐿
and 𝑝𝐻 by 𝑝∗

𝐻
. Figure 4 shows that the system

is fully decoupled as expected, which means that it is possible to
control the load and the sum pressure as desired.

4. SUM PRESSURE REFERENCE
The sum pressure reference should be designed to ensure a

minimum pressure 𝑝𝑠𝑒𝑡 in the low pressure chamber of the cylin-
der. The low pressure side can be determined based on compar-
ison of the chamber pressures. The sum pressure reference is
given in Eq. (34)

if 𝑝𝐴 ≥ 𝑝𝐵, 𝑝𝑠𝑒𝑡 = 𝑝𝐵 : 𝑝∗𝐻 = 𝑝𝐴 + 𝑝𝑠𝑒𝑡

if 𝑝𝐴 < 𝑝𝐵, 𝑝𝑠𝑒𝑡 = 𝑝𝐴 : 𝑝∗𝐻 = 𝑝𝑠𝑒𝑡 + 𝑝𝐵 (34)

Remark the load pressure reference is continues at all times. It
would now be possible to design a motion controller to control
both position and velocity in a cascaded controller structure with
the pressure controller as the inner loop. Motion control is also
an important part of the injection moulding process. It further
requires a reference switchover, swithching from the velocity to
pressure control [12], however as the scope of this paper is high
bandwidth pressure control this has been omitted.

5. EXPERIMENTAL RESULTS
The designed controller is implemented on the retrofitted in-

dustrial injection moulding machine, according to the schematic
in Fig. 1. The digital controller communicates with the motor
drives and sensors over etherCAT® with a cycle time of 2 ms.
The wires for the analog sensors are kept as short as possible with
a maximum length of 0.4 m, to minimise the amount og noise
on the chamber pressure signals. The two motors are permanent
magnet synchronous motors connected to a drive, with internal
torque control. The focus on the hydraulic side have been to keep
volumes as small as possible in e.g. hoses, as this will increase
the possible pressure gradients as less flow of oil is needed to
elevate the pressure. The pumps utilised are fixed displacement
piston pumps, with 9 pistons in each pump.

To test the designed load and sum pressure controller utilis-
ing secondary control a load pressure reference is designed. The
load pressure reference is designed as a series of random steps
with the constraint that 𝑝𝐿 > 0 shown in Fig. 5a. To ensure that
the piston velocity is equal to zero when testing the load pressure
controller, it is moved to 𝑥 = 0. As described in Section 3.2 the
theoretical obtainable bandwidth is approximately 40 Hz, how-
ever, after implementation, a tuning of the controller was needed
due to an unstable inner torque loop. The tuned physically real-
isable bandwidth on the proposed setup is 16 Hz. The controller
gains are 𝜔𝐿 = 100 rad/s, 𝜔𝐻 = 80 rad/s and a damping of
Z = 1 to avoid oscillations. As 𝜔𝐻 < 𝜔𝐿 the bandwidth of the
load pressure controller is larger than the bandwidth of the sum
pressure controller. This ensures that the load pressure control
is prioritized. The bulk modulus estimate is 𝛽 = 9.5 · 108 Pa,
which is assumed valid due to the elevated low pressure side.
Velocity and acceleration reference are both equal zero as there
is no movement of the piston. Figure 5b shows the load pressure
tracking capability in both the experimental setup and the simu-
lation. Both experiment and simulation show that a steady state
error is present contributed to the fact that the controller does not
contain an integrator and simplifications in the controller design
from e.g. pump leakage approximation. The load pressure error
is shown in Fig. 5c, where it is seen that the steady-state error in
the simulation is smaller than in the experiment. Increasing the
bandwidth of 𝜔𝐿 and 𝜔𝐻 minimises the steady state error, due to
an increased gain. The chamber pressures 𝑝𝐴 and 𝑝𝐵 are shown
in Figs. 5d-5e where it can be seen that the low-pressure chamber
changes depending on the desired load pressure due to the differ-
ence in piston area in the two chambers. In addition, it is seen
that the low pressure side is kept at a minimum 𝑝𝑠𝑒𝑡 = 30 · 105

Pa.
From the plots of pressure in Fig. 5b-5e it can be seen that

the experimental data shows large oscillations each time a step
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(a) Reference to the load pressure controller p∗
L

.

0 2 4 6 8 10 12

Time [s]

0

20

40

P
re

s
s
u
re

 [
b
a
r]

(b) Load pressure pL .
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(c) Load pressure error (p∗
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− pL ), spikes at the time of step is out-

side plot.
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(d) Chamber pressure pA.
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(e) Chamber pressure pB .

FIGURE 5: LOAD AND SUM PRESSURE CONTROLLER PERFOR-
MANCE.
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(a) Torque motor A.
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(b) Torque motor B.

FIGURE 6: TORQUE REFERENCE AND ACTUAL TORQUE FOR THE
TWO MOTORS.

in reference occur. These oscillations changes dependent on the
controller gains. A plot of the torque reference for a smaller time
sequence are sown in Fig. 6 where it is confirmed that the motor
torque in the experiment have oscillations whereas the simulation
model does not and is therefor not plotted. It can further be seen
that the torque at the step input is reaching the saturation shortly.
This is mainly due to the oscillations and it raises the question;
Why is such a large gap present between the theoretical estimated
bandwidth of 40 Hz and the achieved bandwidth of 16 Hz?

6. DISCUSSION
To consider the possible reasons for not obtaining the desired

bandwidth, there might be several reasons both independently and
in combination. In this work three reasons have been identified
and are being considered in the following. These are related to
sensor noise, pressure drops from the pumps and the delay intro-
duced in the digital controller and communication architecture.

6.1 Signal Noise
Signal noise is inevitable in experimental setups, but can be

minimised through mindful installation shielding and grounding.
A main difference between the model and the experiment is the
amount of noise in the pressure signal. Figure 7 shows a selection
of a pressure signal, where the pressure is elevated following a
stop of both motors meaning 𝜔𝐴 = 𝜔𝐵 = 0 rad/s at end stop.
The data are created without the use of the filter in the analog-to-
digital converter. Most analog to digital converters do have built
in filters; however, they often have a too low cut-off frequency
if considered utilized for secondary control. The magnitude of
the noise is approximately ±0.2 bar. The dominating noise fre-
quencies are at approximately 200 Hz, estimated from a fourier
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FIGURE 8: PRESSURE (pA) AT ωA = 10 RPM.

transform. Much of the noise at 200 Hz should be attenuated
according to the frequency response for the system 𝜔𝐿 = 40 Hz.
The 200 Hz noise component which approximately is 2000 rad/s
are attenuated with -40 dB. This indicates that this is not the only
cause of the gap between theoretical and experimental bandwidth.

6.2 Pressure Pulsations
Another source of noise in the system comes from the hy-

draulic piston pumps. Due to the design with 9 finite pistons, a
given number of pressure pulses are expected at the port of each
pump. Each piston comes in contact with the inlet and outlet of
the pump one time per revolution resulting in a total of 18 con-
tacts per revolution. Ideally the piston is only in contact with one
chamber at a time, to ensure a minimum of leakage between inlet
and outlet of the pump. However due to the sinusoidal movement
of each piston inside the pump is it necessary with a small overlap
to avoid cavitation in the oil. This overlap suddenly introduces
a leakage path from the high pressure to the low pressure side,
creating a rapid decrease in pressure The effect on the pressure
in chamber A is investigated by moving the cylinder to the end
position, locking motor B while running motor A with 10 RPM.
The resulting chamber pressure at steady state is shown in Fig. 8.
From the figure it is seen that the pressure drops approximately
3 times per second, resulting in a frequency of 18 pulses per
revolution as expected. The noise from the pressure pulses will
be within the bandwidth of the closed loop system as they have a
frequency of 3 Hz at 10 rpm which is a present velocity in load
holding situations. The magnitude of the pulses are also much
larger than the electric noise with a magnitude of 2.5 bar at a
chamber pressure of 10 bar and a motor angular velocity of 10
rpm. The shape of the drop is almost triangular, indicating the

pressure drop occurs suddenly, when high and low pressure side
are short circuited to avoid cavitation. The pressure builds up
relatively slower afterwards as the piston pushes oil into the high
pressure side.

6.3 Time Delay
The controller is designed in a continues time environment

where the gain is aplied continuously on the plant. However the
digital controller run in discrete time steps, in this case the limit
of cycle time is the etherCAT® bus capable of running at 500
Hz. This makes it possible to update the motor torques at each
2 ms, additionally it will be at least another 2 ms to measure
the change in pressure. The delay in the system is estimated to
6-8 ms. The communication frequency of 500 Hz introduces a
delay combined with a zero-order hold in the system that needs to
be accounted for. In high bandwidth applications, a delay could
cause instability. The effect of a delay can be analysed in the
linear system. In the Laplace domain it is given by Eq. (35).

𝐺𝐷 (𝑠) = 𝑒𝑇𝑠 (35)

Where 𝑇 is the delay. The zero-order hold of the signal is dis-
regarded, as the effect is assumed to be negligible compared to
the time constant of the hydraulic system. The analysis is based
on the special case where 𝑥 = �̇� = 0, the states are shown in Eq.
(28) and the decoupling matrices shown in Eq. (33) are valid.
The dynamics of the motor controller shown in Eq. (7) are not
considered. The transfer function between 𝑝∗

𝐿
and 𝑝𝐿 is analyzed

as 𝜔𝐿 > 𝜔𝐻 , which corresponds to Gsys (1, 1) in Eq. (36).

Gsys = (Ĉ(𝑠I − Â)−1B̂)𝐺𝐷 (𝑠) (36)

The influence of delays on the closed loop pole and zero locations
are approximated with a Padé approximation. As a cascaded
controller structure is proposed, the maximum bandwidth of the
pressure loop, which is 40 Hz, is investigated. The system is
assumed stable if all closed loop poles are in the left half plane,
however this requirement can cause oscillating systems. Figure
9 shows the possible bandwidth as a function of the amount of
delay. The blue line represents the marginally stable system, and
the colored area below is the stable region. It can be seen that
the delay in the digital controlled system has a large effect on
the possible obtainable bandwidth. It can further be seen that a
maximum delay of 3 ms is required if the bandwidth of 40 Hz
should be reached. It is further seen that the approximately 16
Hz tuned in the experiment is close to the theoretical maximum
achievable, with the 6-8 ms delay present in the in the test setup.

7. FUTURE WORK
The future work in realisation of high bandwidth hydraulic

systems using electro-hydraulic speed-variable actuators and sec-
ondary control, should strive to overcome the challenges with
noise, pressure pulsations and communication delays in the dig-
ital controller. The sensor noise could possibly be minimised
adding analog filters where it is possible to select the desired cut
off frequency at a frequency above the desired bandwidth of the
closed loop pressure controller. Another solution could be to
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FIGURE 9: STABILITY MAPPING OF Gsys(1, 1) DEPENDENT ON
THE DELAYT AND BANDWIDTH ωL .

employ "digital" pressure sensors, meaning no analog wiring is
needed.

The pressure pulsations occurring due to the finite number
of chambers and the leakage pathway between the high and low
pressure side, is due to anti cavitation needs in the pumps. The
amount of leakage could possibly be minimised by a different
design of the anti cavitation system [20]. As the motor design is
difficult to change, it is desired to consider it as a control problem.
In systems with larger volumes in front of the pump, the lower
eigenfrequency will automatically damp the effect. The volume
of the pump should also be considered to ensure running as little
as possible in low velocity modes where the leakage pathway will
be present at longer times. Lastly filtering of the ripples should be
considered to ensure the controller does not react on the pressure
ripple.

Any delay in any control system is undesired, it has been
shown that a delay above 3 ms, will make the closed loop system
unstable. This should be considered when choosing the hardware.
EtherCAT® communication with faster cycle times are obtainable
with other types of hardware, unfortunately this has not been
available for this work.

8. SUMMARY
A secondary controlled electro-hydrualic speed-variable

drive is proposed to realise high bandwidth control of a retrofitted
hydraulic injection moulding machine. According to the theory
bandwidths of at least 40 Hz is achievable. However when im-
plemented on the experimental setup the achievable bandwidth
proved to be only approximately 16 Hz. Three main contribu-
tors to this discrepancy were considered, namely sensor noise,
ripples from the hydraulic pumps and delay in the control sys-
tem. Delay in the system is seen as the main contributor as it
theoretically has been shown the system becomes unstable due
to this delay. Lastly future endeavours in the field of secondary
control of electro-hydraulic speed-variable drives are discussed,
to make it possible to realise control bandwidths in vicinity of the
theoretically possible.
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